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In the present study, heat-transfer characteristics of spiral-coil finned tube heat exchangers under dehumidify-
ing conditions are investigated. A mathematical model of Ho et al. is modified by including fin efficiency. The
derivation and solution methodologies are explained in detail. The effects of various inlet conditions of fluids
flowing through the heat exchanger are discussed. The agreement of the model with the experimental data is
satisfactory, with an average error of 1.2 and 4.0% for enthalpy and humidity effectivenesses, respectively.

1. Introduction. Heat exchangers are devices used to implement the heat exchange of two fluids that are at
different temperatures. They have been used in a wide variety of applications: heat recovery processes, air conditioning
and refrigeration systems, chemical reactors, and food and dairy processes. The design and analysis of curved-tube heat
exchangers have been studied both analytically and experimentally, mostly for helical-coil heat exchangers [1–7].

The spiral-coil heat exchanger has received comparatively little attention in the literature. Some of the earliest
works were performed by Ho et al. [8], who performed experimental and theoretical investigations on a compact spi-
ral-coil heat exchanger. Unmixed and mixed air flow models were considered. The experiments were performed in a
water flow rate range from 0.06 to 0.13 kg/sec and an air flow rate of 0.45 kg/sec. The inlet air temperature was from
50 to 70oC. Ho and Wijeysundera [9, 10] presented experimental investigations on the thermal performance of the spi-
ral-coil heat exchanger under cooling and dehumidifying conditions. The experimental studies were conducted at vari-
ous air and water flow rates.

Relatively little information in the open literature, however, is currently available on heat-transfer charac-
teristics in spiral-coil heat exchangers. In the present study, the main concern is to analyze the performance and to
study the heat-transfer characteristics of spiral-coil finned and tube heat exchangers under dehumidifying conditions.
The effects of relevant parameters are also investigated.

2. Mathematical Modeling. The mathematical model includes the effects of the in-tube heat-transfer coeffi-
cient, fin efficiency, and initial inlet conditions of both fluids flowing through the heat exchanger. The basic physical
equations used to describe the flow characteristics are developed from the conservation equations of mass and energy.
The model is based on that of Ho et al. [8–10] with the following assumptions:

– flows of air and water are steady;
– air humidity ratio at the outlet of each coil turn is equal;
– air-side convective heat-transfer coefficient at the outlet of each coil turn is equal;
– thermal resistance of the liquid film is neglected;
– each coil turn is approximately circular.
The flow of fluids in a spiral-coil heat exchanger takes place on two sides, the hot (gas) side and the cold

(liquid) side. Air and water are used as working fluids. Figure 1 shows a schematic diagram of a typical spiral-coil
cooling heat exchanger.

2.1. Air-side Heat Transfer. When air of one condition passes over a cooling coil having a coil surface tem-
perature below the dew-point temperature of the air, the air is chilled below its dew-point, thus condensing out mois-
ture. Considering the control volume of each segment as shown in Fig. 2, we represent the total heat-transfer rate as
the sum of latent and sensible heat as follows:
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dQT = dQS + dQL , (1)

where dQT, dQS, and dQL are the total heat, sensible heat, and latent heat, respectively,

dQS = ha (dAb + ηdAf) (Ta,in − Ts) , (2)

where ha is the air-side heat-transfer coefficient, dAb is the outside surface area excluding the area of the fins, dAf is
the surface area of the fins, η is the fin efficiency, Ta,in is the inlet air temperature, and Ts is the tube surface tem-
perature.

As the moisture is condensed, the heat released is given by the following latent heat-transfer rate:

dQL = dmwvicon , (3) 

Fig. 1. Schematic diagram of a spiral-coil exchanger.

Fig. 2. Control volume of each segment.
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where icon is the enthalpy of condensation and dmwv is the mass transfer rate of the water vapor, defined as

dmwv = hmass (dAb + ηdAf) (wa,in − wsat,s) , (4)

where hmass is the mass-transfer coefficient, wa,in is the inlet humidity ratio of air, and wsat,s is the humidity ratio at
saturated conditions at the tube surface temperature.

Substituting Eqs. (2), (3), and (4) into Eq. (1) gives

dQT = ha (dAb + ηdAf) (Ta,in − Ts) + hmass (dAb + ηdAf) (wa,in − wsat,s) icon . (5)

Equation (5) can be arranged in the following form:

dQT = 
ha

Cpm
 (dAb + ηdAf) 




Cpm (Ta,in − Ts) + 

1

Le
 (wa,in − wsat,s) icon




 , (6)

where the Lewis number Le is defined by Le = 
ha

hmassCpm
.

The specific heat of the moist air Cpm is the sum of the specific heat of dry air and water vapor:

Cpm = Cp + waCpwv . (7)

Substituting Eq. (7) into Eq. (6) and assuming Le approximately equal to 1, we get

dQT = 
ha (dAb + ηdAf)

Cpm
 (ia,in − isat,s) , (8)

where ia,in is the inlet enthalpy of air and isat,s is the enthalpy at saturated conditions at the tube surface temperature.
2.2. Water-side Heat Transfer. The heat-transfer rate in terms of the water flow rate can be given as

dQT = mwCpmdTw . (9)

The heat-transfer rate to the water can be expressed as

dQT = hcom (dAb + ηdAf) (Ts − Tw) , (10)

where

1

hcom
 = 

x (dAb + ηdAf)
kAave

 + 
dAb + ηdAf

hiAi
 ,

(11)

where x is the tube thickness, Aave is the average surface area, and hcom is the combined conductance through the tube
surface and water inside tube.

2.3. Energy Balance. Considering the energy balance over the control volume for each segment, we get

ha (dAb + ηdAf)
Cpm

 (ia,in − isat,s) = hcom (dAb + ηdAf) (Ts − Tw) . (12)

Rearranging gives

ha
hcomCpm

 = 
Ts − Tw

ia,in − isat,s
 = Rc . (13)
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The enthalpy of the saturated air isat,s at the wet surface temperature in Eq. (13) as proposed by Goodman [10] is as
follows:

isat,s = 10.90748 + 1.22045Ts + 0.05652Ts
2
 . (14)

Substituting Eq. (14) into Eq. (13) and rearranging, we get

0.05652Ts
2
 + 



1.22045 + 

1

Rc



 Ts + 




10.90749 − ia,in − 

Tw

Rc



 = 0 . (15)

The energy balance over the control volume for each segment may be written in terms of the water flow rate
as follows:

hcom (dAb + ηdAf) 




Ts,out + Ts,in
2

 − 
Tw,out + Tw,in

2




 = mwCpw (Tw,out − Tw,in) . (16)

On rearranging, we get

Tw,out = 
1

β + 1
 

β (Ts,out + Ts,in) − Tw,in (β − 1)


 , (17)

where

β = 
hcom (dAb + ηdAf)

2mwCpw
 . (18)

Equation (15) can be written using Ts,out and Ts,in, so

0.05652Ts,out
2

 + 



1.22045 + 

1

Rc



 Ts,out + 




10.90749 − ia,in − 

Tw,out

Rc



 = 0 (19)

and

0.05652Ts,in
2

 + 



1.22045 + 

1

Rc



 Ts,in + 




10.90749 − ia,in − 

Tw,in

Rc



 = 0 . (20)

Substituting Eq. (17) into Eq. (19) then gives

0.05652Ts,out
2

 + 



1.22045 + 

1
Rc

 − 
β

Rc (β + 1)



 Ts,out

+ 10.90749 − ia,in − 
1

Rc (β + 1)
 [βTs,in − (β − 1) Tw,in] = 0 . (21)

2.4. Fin Efficiency. The fin efficiency is defined as the ratio of the actual heat transfer to the ideal heat
transfer through the fin when the entire fin is at base temperature. For a fin with uniform cross section and insulated
at the fin tip, the fin efficiency can be determined from

η = 
tanh (Mroφ)

Mroφ
 , (22)

where

M = 




2ha
ky





1 ⁄ 2

 ,   φ = 




Rf

ro
 − 1




 



1 + 0.35 ln 





Rf

ro








 , (23)

where k is the thermal conductivity of the fins, y is the fin thickness, ro is the outer radius of the tube, and Rf is the
radius of the annular fins.
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Equation (23) is appropriate for a dry fin surface. However, for a wet fin surface, the equation developed by
McQuiston [11] can be used to determine the fin efficiency:

M
2
 = 

2ha
ky

 



1 + 

Csaicon

Cpm




 ,

(24)

Csa = 
1

2
 




wsat,w,out − wa,in

Tw,out − Ta,in
 + 

wsat,w,in − wa,out

Tw,in − Ta,out




 F 

wsat,s − wa

Ts − Ta
 .

(25)

 The specific humidity wsat,s of air at saturated conditions is a function of inlet and outlet surface tempera-
tures and can be obtained from the correlation given by Liang [12, 13]:

wsat,s = (3.7444 + 0.3078Ts + 0.0046Ts
2
 + 0.0004Ts

3) × 10
−3

 ,   0 < Ts < 30
o
C . (26)

2.5. Thermal Performance of Spiral-Coil Heat Exchanger. The enthalpy effectiveness and humidity effec-
tiveness are used to evaluate the total cooling load and latent load removal performance of the coil, respectively, as
follows:

enthalpy effectiveness

Ei = 
ia,in − ia,out

ia,in − isat,s,in
 , (27)

humidity effectiveness

Ew = 
wa,in − wa,out

wa,i − wsat,s,in
 . (28)

2.6. Correlations for Heat-Transfer Coefficients. A correlation proposed by McQuiston [11] to predict the
air-side heat-transfer coefficient for the wet fin-tube surface is as follows:

ha = 
JGCpm

Pro
2 ⁄ 3

 , (29)

where

J = 0.38 Reo
−0.4

 




Ab + ηAf

Ab





−0.15

 0.84 + 4⋅10
−5

 Refs
1.25

  .
(30)

 The correlation proposed by Mori and Nakayama [10] to evaluate the in-tube heat-transfer coefficient is as
follows:

 for laminar flow,

Nui = 
0.864
ζ

 De
0.5

 1 + 2.35De
−0.5

  , (31)

where

De = Rei 




Di

Dc





0.5

 , (32)
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ζ = 
2

11
 



1 + √1 + 

77

4
 

1

Pri
2



    for   Pri > 1 ; (33)

for turbulent flow,

Nui = 

Pri Rei
4 ⁄ 5 





Di
Dc





0.1

26.2 (Pri
2 ⁄ 3 − 0.074)

 









1 + 
0.098




Rei 





Di

Dc





2



1 ⁄ 5










 ,   Rei 




Di

Dc





2

 > 0.1 . (34)

The critical Reynolds number correlation as proposed by Srinivasan et al. [6] is

Recr = 2100 



1 + 12 





Di

Dc





0.5



 . (35)

3. Calculation Procedure. The spirally coiled tube is divided into numerous layers of circular coils with the
following mean radius:

Rn = 
1

2π
  ∫ 

0

2π

 Rdθ (36)

or

Rn = [Rmin + (2n − 1) απ] , (37)

where Rmin is the minimum coil radius, n is the number of coil turns, and α is the rate of radius change per radian.
Each layer of circular coil turn can be divided into numerous sections, as shown in Fig. 3. Since the thermo-

dynamic properties of fluids at both inlet sections are known, the calculation is done section by section along the
curved tube, which begins at the first section of the innermost coil turn. For each section, the inlet water temperature
Tw,in, outlet water temperature Tw,out, inlet surface temperature Ts,in, and outlet surface temperature Ts,out are deter-

Fig. 3. Schematic diagram of simulation approach.
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mined from Eqs. (17), (20), and (21) by using the Newton–Raphson iterative technique. The fin efficiency η, total heat
QT, latent heat QL, sensible heat QS, air-side heat-transfer coefficient ha, and in-tube heat-transfer coefficients hi, are
then computed.

4. Results and Discussion. Even though the present model is based on that of Ho et al. [10], there are a
number of important differences, which are as follows:

– The present model uses Srinivasan’s correlation [6] to determine the critical Reynolds number for flow in
the curved tube, whereas the model of Ho et al. uses Ito’s correlation [10].

– The present model uses the in-tube heat-transfer coefficient correlation of Mori and Nakayama [6], whereas
the Ho et al. model uses Rogers and Mayhew’s correlation [10].

– The variables of each control volume are determined by using the Newton–Raphson iterative technique.
– The fin efficiency is included in the calculation procedure.
– The forward computational procedure is used in this model, whereas the model of Ho et al. uses the back-

ward computational procedure.
– The present model uses the specific humidity correlation of air at saturated conditions given by Liang [12,

13].
The present model allows for a number of parameters to be included for any given computation. Inlet water

and air temperatures and water and air flow rates were each varied to investigate their effect on the performance and
heat and mass transfer characteristics of spiral-coil cooling heat exchangers under dehumidifying conditions. In order
to validate the present model, comparisons were made with limited available measured data.

Figures 4a and b compare the simulation results of enthalpy and humidity effectivenesses from the present
model with the experimental data of Ho and Wijeysundera [10]. It can be noted that for a water Reynolds number
<25,000 the effectivenesses of enthalpy and humidity increase rapidly with the water Reynolds number and decrease
slightly as the water Reynolds number exceeds a value of 25,000. Usually the enthalpy effectiveness shows the per-
formance of the total cooling load removal. The simulation results for the enthalpy effectiveness are higher than the

Fig. 4. Comparison of present numerical results (dashed curves) and experi-
mental (Ho) data (points) for enthalpy (a) and humidity (b) effectivenesses at
Ta,in = 26.5oC, Tw,in = 5.5oC, ma = 0.231 kg/sec, win = 0.02, and n = 8.

Fig. 5. Variation of enthalpy (solid curves) and humidity (dashed curves) ef-
fectivenesses with water Reynolds number (a) and air flow rate (b) at Ta,in =
30oC, Tw,in = 8oC, win = 0.02, and n = 10. ma, kg/sec.
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experimental data of Ho and Wijeysundera [10], which gives an average error of 1.2%. While the humidity effective-
ness shows the latent-load removal performance, these results are higher than those of experimental data, which gives
an average error of 4%. It should be noted that the curve characteristics are similar to those of counter and cross flow
sensible heat exchangers.

Figure 5a shows the variation of the enthalpy and humidity effectivenesses with the water Reynolds number
for different air mass flow rates. It appears that enthalpy and humidity effectivenesses increase with a decrease in the
air mass flow rate. This is because the heat capacity of the hot air increases with increasing flow rate. However, be-
cause the heat removal capacity of chilled water is kept nearly constant, the outlet air temperature and enthalpy are
therefore higher. This results in the decreasing enthalpy and humidity effectivenesses. For the low air-flow-rate region,
the humidity effectiveness is higher than the enthalpy effectiveness because the latent heat is more dominant than sen-
sible heat. However, when the air mass flow rate exceeds a value of 0.15 kg/sec, the enthalpy effectiveness is higher
than the humidity effectiveness for the low water Reynolds number region.

Figure 5b shows the variation of enthalpy and humidity effectivenesses with the air mass flow rate for differ-
ent water flow rates. It should be noted that the enthalpy and humidity effectivenesses are inversely proportional to the
air mass flow rate. The slope of the graph indicates the decreasing rate of enthalpy and humidity effectivenesses. As
the water flow rate increases, enthalpy and humidity effectivenesses also increase. The increase in heat-removal capac-
ity of the water results in a reduction of outlet air humidity ratio and enthalpy.

Figure 6 shows the variation of heat-transfer rate with number of coil turns for different inlet air temperatures.
When the coil surface temperature is below the dew-point temperature of the air, heat and mass transfer occur simul-
taneously. This shows that as the number of coil turns increases, the heat-transfer rate increases to a maximum and
then decreases. The total and sensible heat-transfer rates increase with increasing inlet water temperature. The decrease
in the temperature gradient between inlet air and water temperatures results in a reduction in heat removal capacity of
the water. The latent heat is higher than the sensible heat at an inlet air temperature of 30oC. It is also interesting to
note that the sensible heat is higher than the latent heat at an inlet air temperature of 50oC because the sensible heat
depends on the temperature gradient between inlet air and tube surface. As the inlet air temperature increases, the sen-
sible heat also increases.

Water and air temperatures as well as humidity ratio increase with increasing inlet air temperature and they
are inversely proportional to the number of coil turns, as shown in Fig. 7. The increase in the condensation of water
vapor in the moist air, as the inlet air temperature decreases, results in a reduction of the air humidity ratio.

Fig. 6. Variation of heat-transfer rate with number of coil turns at Tw,in = 6oC,
ma = 0.25 kg/sec, mw = 0.1 kg/sec, and win = 0.02 for different air inlet tem-
peratures: Ta,in = 30oC (solid curves) and 50 (dashed curves). Q, W.

Fig. 7. Variation of air temperature, water temperature, and humidity ratio with
number of coil turns for different air inlet temperatures: Ta,in = 30oC (solid
curves), 40 (dashed curves), and 50 (dotted curves). For notation see Fig. 6.
Ta, 

oC; Tw, oC.
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Figure 8 shows the variation of the air-side heat-transfer coefficient with the number of coil turns for different
inlet air temperatures. It can be noted that the air-side heat-transfer coefficient decreases with increasing number of
coil turns. Generally, the heat-transfer coefficient under wet-surface conditions is higher than that under dry-surface
conditions. The decrease in the outlet air temperature of each coil turn results in a reduction of the air-side heat-trans-
fer coefficient. As the inlet air temperature increases, the air-side heat-transfer coefficient increases too. This is due to
the fact that the heat-transfer coefficient is directly proportional to the temperature. As the air inlet temperature and
water and air flow rates are maintained constant and the inlet water temperature increases, the air-side heat-transfer co-
efficient increases.

Figure 9 shows the variation of the outlet water and outlet air temperatures with the air mass flow rate. The
outlet water and outlet air temperatures increase as the air mass flow rate increases because the heat removal capacity
of chilled water is kept nearly constant while the heat capacity of hot air increases. The heat capacity of hot air is
also higher than the heat removal capacity of chilled water. Figure 10 shows the variation of outlet water and outlet
air temperatures with the water flow rate at different inlet air temperatures. It can be noted that the outlet water and
outlet air temperatures decrease rapidly with the water flow rate for low water flow rate region. However, these effects
diminish as the water flow rate is further increases. The increase in heat transfer from hot air to chilled water results
in a decrease in the outlet air and water temperatures.

Fig. 8. Variation of air-side heat transfer coefficient with number of coil turns
for different air inlet temperatures. For notation see Fig. 7.

Fig. 9. Variation of water (solid curves) and air (dashed curves) outlet tempera-
tures with air flow rate for different water flow rates. For notation see Fig. 5.
Tout, 

oC; ma, kg/sec.

Fig. 10. Variation of water (dashed curves) and air (solid curves) outlet tem-
peratures with water flow rate at Tw,in = 8oC, ma = 0.25 kg/sec, win = 0.02,
and n = 10 for different air inlet temperatures. Tout, 

oC; mw, kg/sec.
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Conclusions. The performance and heat-transfer characteristics of spiral-coil finned tube heat exchangers were
investigated. It was found that the conditions at the inlet of both working fluids have an effect on the heat and mass
transfer and performance of spiral-coil heat exchanger as follows:

– Enthalpy and humidity effectivenesses are inversely proportional to the air mass flow rate.
– Heat-transfer characteristics along the coil turn are functions of inlet properties of both working fluids.
– Latent and sensible heat rates depend on two factors: the tube surface area and the temperature difference

between the air and tube surface.
– The effect of inlet water temperature on fin efficiency is very small.
– The air-side heat-transfer coefficient increases with increasing inlet water temperature.
Acknowledgements. The authors would like to express appreciation to the Thailand Research Fund for pro-

viding financial support for this study. 

NOTATION

 A, area, m2; Cp, specific heat of dry air, kJ/(kg⋅K); Cpm, specific heat of moist air, kJ/(kg⋅K); Cpwv, specific
heat of water vapor, kJ/(kg⋅K); D, diameter of tube, m; Dc, diameter of curvature of coil, m; De, Dean number; Ei,
enthalpy effectiveness; Ew, humidity effectiveness; G, mass flux based on minimum free flow area, ma

 ⁄ Amin,
kg/(m2⋅sec); ha, air-side heat-transfer coefficient, W/(m2⋅K); hcom, combined conductance through tube surface and
water inside tube, W/(m2⋅K); hi, in-tube heat-transfer coefficient, W/(m2⋅K); hmass, mass-transfer coefficient,
kg/(m2⋅sec); i, enthalpy, kJ/kg; J, Colburn J factor; j, number of segments; k, thermal conductivity, W/(m⋅K); Le,
Lewis number; m, mass flow rate, kg/sec; n, number of turns of coil; Nu, Nusselt number; Pr, Prandtl number; Q,
heat-transfer rate, W; r, radius of tube, m; Rf, radius of fins, m; Rmin, minimum coil radius, m; Rn, average radius of
curvature of coil, m; Re, Reynolds number; T, temperature, oC; w, humidity ratio, kgwv/kga; x, tube thickness, m; y,
fin thickness, m; α, rate of change of radius, m/radian; η, fin efficiency; θ, angular position of a point from a fixed
line, radians. Subscripts: a, air; ave, average; b, base; c, curvature; con, condensation; cr, critical; f, fin; fs, fin spacing;
i, inside; in, inlet; L, latent; m, moist; min, minimum; o, outside; out, outlet; S, sensible; s, surface; sat, saturated; T,
total; v, vapor; w, water.
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